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Abstract 
The cycling losses of a domestic refrigerator-freezer are quantified to gain a better understanding of the 
adjustments needed to enable a steady-state refrigerator model to be used to design for cycling operation.  A 
refrigerator with a capillary tube/suction line heat exchanger and a rotary compressor was instrumented extensively 
for these experiments.  Refrigerant migration during the off-cycle was found to increase the cabinet heat load by 2 to 
6%, with the greater percentage increase occurring at lower ambient temperatures.  Compared to a quasi-steady 
machine, the efficiency is degraded by 3 to 5% during the on-cycle due to power and capacity losses.  The capacity 
loss, ranging from 3.9 to 5.6%, plays a greater role in the efficiency loss than the power penalty, 0 to 1.5%.  During the 
first minute of the on-cycle, when the refrigerant is being redistributed from the evaporator to the oil sump, 2 to 3.3% 
of the capacity is lost and the power demand may increase by as much as 1.7%.  After the first minute of the on-cycle, 
while some refrigerant is being redistributed back into the evaporator, there is a 0.8 to 3.0% capacity loss and a 
negligible power penalty. 
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Chapter 1: Introduction 
New energy efficiency standards and the phase-out of refrigerant R-12 have prompted recent interest in 
developing design and simulation models for domestic refrigerator-freezers.  The scientific community has responded 
to this interest with numerous modeling efforts.  A simple steady-state simulation model was developed by the 
Arthur D. Little Corporation (1982), and was subsequently improved by Merriam (1993).  Rogers and Tree (1991) 
proposed a more generalized steady-state design model that represented the capillary tube explicitly.  Porter and 
Bullard (1992) and Goodson and Bullard (1994) developed a steady-state domestic refrigerator model that can be used 
for simulation as well as design, because it models explicitly the refrigerant inventory in each component.  Sugalski, et 
al (1991) linked a quasi-steady refrigerator-freezer simulation model, which included no mass inventory or capillary 
tube equation, to a simple cabinet model that simulated the thermal capacitance that drives cycling operation.   
The most detailed simulation of the performance of a refrigerator-freezer during its normal on-off cycle would 
require a transient cabinet model interacting with a transient system model of the type proposed by Vidmar and 
Gaspersic (1991), Yuan, et al (1991) and Chen and Lin (1991).  The development of a fully transient system model, 
however, may not be worthwhile if the results from a steady-state model can simply be adjusted to simulate the 
transient effects.  
1.1 Purpose  
This analysis continues the efforts of Rubas and Bullard (1993) to compare the system performance during 
the on-off cycle with that during steady-state operation.  Such a comparison will lead to a better understanding of the 
adjustments needed to enable a steady-state refrigerator model to be used for on-off cycle design.  With cycling 
adjustments, a steady-state model may be used over the range of evaporator air inlet temperatures experienced during 
the on-cycle to design for cycling operation. 
This report begins with an analysis of the off-cycle contributions to cycling losses.  The off-cycle 
refrigerant migration indirectly causes cycling losses by necessitating the on-cycle redistribution.  A direct cycling 
loss which appears during the off-cycle is caused by the energy added to the cabinets by the refrigerant vapor 
migrating and condensing in the evaporator, adding heat to the cabinets.  Next, the performance of the steady-state 
and cycling systems are compared using the coefficient of performance (COP) averaged over the on-cycle time 
period.  The analysis then proceeds to compare the heat capacity and system power demand during steady-state and 
cycling operation.  Differences in the capacity and power demand are attributed to cycling design issues such as 
refrigerant redistribution and compressor shell temperature. 
1.2 The Quasi -steady Machine 
In the following analyses, the performance of the cycling experimental refrigerator will be compared to a 
fictitious quasi-steady machine in order to quantify the transient phenomena which affect system efficiency.  This 
quasi-steady machine is exposed to the same heat exchanger air inlet temperatures as the experimental refrigerator 
during the on-cycle and is assumed to perform in a manner identical to the experimental refrigerator under steady-
state conditions.  The steady-state performance of the experimental refrigerator is found by maintaining the 
evaporator inlet air temperatures constant with the help of electrical resistance heaters in the fresh food and freezer 
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cabinets.  This heating system is described by Staley, et al (1992).  Ideally, knowledge of the exact performance of the 
quasi-steady machine over the range of evaporator air inlet temperatures of the experimental refrigerator during its 
on-cycle would require an infinite number of steady-state experiments.  Fortunately, with the evaporator air inlet 
temperature only varying 15° F for the duration of an on-cycle, one can interpolate between the data from four 
steady-state experiments without the risk of missing important steady-state phenomena.  
1.3 The Experimental Refrigerator 
The data for both the cycling and quasi-steady refrigerator were obtained from experiments with a 20 cubic 
foot, top-mount Whirlpool refrigerator, model ET20PK, charged with 8.25 ounces of R-12, the manufacturer's 
recommended amount.  The refrigerator was equipped with a capillary tube/suction line heat exchanger and a rotary 
compressor.  The experiments were conducted at four different ambient temperatures: 60°, 75°, 90°, and 100° F.  The 
thermostat (with its sensor in the fresh food compartment) was positioned at the middle setting and the fresh food 
damper was fully opened to ensure repeatability.  The average cycling freezer and fresh food compartment 
temperatures were 4° F and 36° F, respectively.  A small fan was placed in the fresh food compartment to reduce 
stratification (see Appendix A).  The fan power alone added 4% to the cabinet heat leak, and its airflow may have 
increased the evaporator load by increasing the fresh food cabinet wall conductance.   
This report will focus mainly on the 90° F ambient comparison with comments for the other ambient 
temperatures when necessary.  All figures for the 90° F ambient case have been duplicated for the other cases in 
Appendix E. 
 13 
Chapter 2: Net Cycling Losses 
The transient characteristics of a cycling domestic refrigerator-freezer have a net negative impact on its 
performance.  During the off-cycle, heat may be added to the cabinets from the condensation of migrating refrigerant.  
During the on-cycle, charge redistribution and a cooler operating compressor cause the cycling refrigerator to be less 
efficient than a hypothetical quasi-steady machine.  This chapter quantifies the off-cycle heating, the net efficiency 
loss and introduces the discussion of the balance between losses and savings which determines the system 
efficiency. 
2.1 Off-cycle Cabinet Heating 
When the compressor shuts off, marking the beginning of the off-cycle, the refrigerant migrates as the 
system pressure equalizes and the heat exchangers approach thermal equilibrium with their surroundings.  The 
predominant refrigerant motion is from the compressor oil and condenser to the evaporator.  The amount of heat 
added to the cabinets by the refrigerant migrating to the evaporator depends on the phase of the migrating 
refrigerant.  With liquid migration, a relatively small amount of heat is transferred to the cabinets as the refrigerant 
cools from the condenser temperature to the evaporator temperature.  Vapor migration causes a far greater amount of 
heat to be added to the cabinets as the refrigerant condenses in the evaporator.   
Typically, a refrigerator ends the on-cycle with subcooled or low quality conditions at the condenser exit.  
The refrigerant begins its off-cycle migration as liquid or a low quality two-phase mixture.  Vapor migration ensues 
after the liquid seal at the condenser exit is broken.  An accurate estimate of the magnitude of the off-cycle cabinet 
heating depends on knowledge of the amount of refrigerant that migrated as liquid and as vapor.  The total mass of 
migrating refrigerant can be estimated as shown in Appendix F.  Table 2.1.1 shows the maximum off-cycle heating at 
four ambient temperatures.  This was estimated by multiplying the mass of migrating refrigerant by the latent heat of 
vaporization at the average off-cycle evaporator pressure.  
Table 2.1.1 Off-cycle heating 
Tamb  Total Cycling Capacity Max. Off-cycling Heating 
(°F) (Btu/cyc) (Btu/cyc) Percent of Total 
60° 206 12.7 6.2 % 
75° 269 13.6 5.0 % 
90° 390 14.6 3.7 % 
100° 608 15.1 2.5 % 
 
The magnitude of the off-cycle heating increases with ambient temperature, but not at the rate of increase of 
the total cycling capacity.  Therefore, the off-cycle heating accounts for a lower percentage of the total cycling 
capacity at higher ambient temperatures.   
2.2 Time Averaged Cycling Losses 
The basis upon which the cycling refrigerator and the quasi-steady refrigerator are compared is the time-
averaged system coefficient of performance (COP), as defined by Equation 2.2.1.   
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The evaporator capacity measured on the air-side, a,eQ& , is the rate of heat transferred from the air through 
the evaporator, calculated from air-side temperature measurements and the volumetric air flow rate estimated in 
Appendix D.  The power to the system and to the evaporator fan are measured separately with transducers as 
described in Appendix A. 
Table 2.2.1 Net efficiency losses 
Tamb COP COP 
°F cycling quasi-steady loss (%) 
60° 1.18 1.22 4 
75° 1.04 1.08 4 
90° 0.92 0.97 5 
100° 0.86 0.89 3 
Table 2.2.2 Net power penalties and capacity losses 
Tamb Power Demand (W-h/cyc) Power Capacity (Btu/cyc) Capacity 
°F cycling quasi-steady Penalty cycling quasi-steady Loss 
60° 48.7 48.5 0.4% 206 214 3.9% 
75° 72.5 71.4 1.5% 269 280 4.1% 
90° 116.6 116.7 0.0% 390 412 5.6% 
100° 193.8 194.5 -0.4% 608 634 4.3% 
 
The average coefficient of performance, the system power demand, and the evaporator capacity for the 
cycling and quasi-steady machines are compared in Tables 2.2.1 and 2.2.2.  Notice that the quasi-steady machine is 
consistently 3 to 5% more efficient than the cycling refrigerator.  The differences between the quasi-steady and 
cycling system power demand and capacity are called the power penalty and the capacity loss, respectively.  
Because both the power penalty and the capacity loss define the system efficiency, both are needed to characterize 
the cycling losses.  The greatest difference between the quasi-steady and cycling refrigerators is in the capacity.  
However, there appears to be a detectable power penalty in the beginning of the on-cycle and a power savings in the 
end of the on-cycle of the cycling refrigerator which will be investigated further. 
The analyses which continue in the following chapters bring the comparison between cycling and quasi-
steady performance into the time domain to draw connections between transient phenomena and the cycling losses.  
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Chapter 3: Time Domain Analyses 
The comparison of the quasi-steady and cycling refrigerators will be conducted in the time domain to relate 
transient phenomena to cycling losses during the on-cycle.  The on-cycle will be divided into two stages as defined 
below. 
3.1 COP, Power Demand, and Capacity in the Time Domain 
The coefficient of performance computed from the instantaneous power and capacity through the on-cycle 
is shown in Figure 3.1.1.   
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Figure 3.1.1 Coefficient of performance, Tamb = 90° F 
Figure 3.1.2 shows the cycling and quasi-steady power demand and capacity as the on-cycle progresses.  
The corresponding graphs for 60°, 75° and 100°F ambient temperatures (see Appendix E) are similar with the exception 
of the high cycling capacities at 60° and 75°F throughout the on-cycle.  These anomalies appear to originate from a 
bias measurement or modeling error described in Appendix E.  Notice that the rapid rise in cycling COP during the 
first eight minutes is attributable to both a decrease in cycling power and an increase in cycling capacity.  As the 
evaporator inlet air temperature decreases during the on-cycle, the quasi-steady COP decreases due to a decrease in 
capacity which offsets a decrease in power demand.  The actual cycling system also follows this general trend after 
the initial transient response diminishes.  After eight minutes into the on-cycle, the cycling and quasi-steady COP's 
are identical.  The differences in cycling and quasi-steady power and capacity offset one another after this point. 
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Figure 3.1.2 System power and evaporator capacity, Tamb = 90° F 
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The power demand and the capacity of the cycling system through time are influenced strongly by the 
distribution of refrigerant charge throughout the system and the temperature of the air entering the heat exchangers.  
The quasi-steady system, however, has a charge distribution characteristic of a steady-state system.  Therefore, 
performance differences between the cycling and quasi-steady systems are due to the changes in charge distribution 
caused by the on-off cycle.  The variation of the charge distribution can be separated into two main time periods: the 
two-phase evaporator exit stage, and the superheated evaporator exit stage.   
3.2 On-cycle Stages Defined 
At the beginning of the on-cycle, most of the charge resides in the evaporator due to off-cycle refrigerant 
migration.  As the refrigerant is redistributed, the amount of refrigerant in the evaporator approaches the level of the 
quasi-steady machine.  This process takes place in the first minute or so of the on-cycle.  During this time, the 
refrigerant leaves the evaporator as a two-phase mixture.  Hence, this period of the on-cycle is referred to as the two-
phase evaporator exit stage.   
After the first minute of the on-cycle, the evaporator charge is actually depleted below the level of the quasi-
steady machine and the remainder of the on-cycle is spent refilling the evaporator.  The depletion of charge in the 
evaporator results in superheated conditions at the evaporator exit, marking the end of the two-phase evaporator exit 
stage and the beginning of the superheated evaporator exit stage.  
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Figure 3.2.1 Two stages of the on-cycle, 90°F 
Figure 3.2.1 delineates the two stages by the condition at the evaporator exit.  The evaporator exit condition 
behaves in a similar manner at other ambient temperatures, as shown in Appendix E. 
 17 
Chapter 4: Two-phase Evaporator Exit Stage 
The two-phase evaporator exit stage of the on-cycle is characterized by a low, but increasing, capacity and a 
high power demand for the cycling refrigerator compared to the quasi-steady machine. 
4.1 Capacity Loss during the Two-phase Evaporator Exit Stage 
During the first minute of the on-cycle the evaporator capacity steadily rises towards the quasi-steady 
capacity as shown in Figure 4.1.1.  As shown in Appendix E, the capacity behaves similarly for other ambient 
temperatures during the two-phase evaporator exit stage.  
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Figure 4.1.1 Capacity:  two-phase evaporator exit stage, Tamb = 90° F 
The capacity is initially very low as some of the liquid refrigerant is pulled out of the evaporator and 
vaporizes in the suction line, or even inside the compressor shell at low ambient temperatures.  The proximity of the 
compressor inlet temperature (State 11) to the saturation temperature reveals this liquid suction (see Figure 4.1.2).  
Appendix E shows that the compressor inlet temperature actually reaches the saturation temperature at the 60° F 
ambient temperature.  Liquid suction is more prevalent at lower ambient temperatures.  Rough estimates of 
component charge indicate that about two or three ounces of refrigerant leave the evaporator as liquid or as two-
phase mixture during the first minute.  The energy from evaporation in these locations cools the suction line tubing 
and compressor shell, and does not directly contribute to the evaporator capacity.  This phenomenon was noted by 
Murphy and Goldschmidt (1984) in an air conditioning system and Rubas and Bullard (1993) in a domestic 
refrigerator.   
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Figure 4.1.2 Refrigerant temperatures: two-phase evaporator exit stage, Tamb = 90° F 
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Figure 4.1.4 Refrigerant-oil solubility: two-phase evaporator exit stage, Tamb = 90° F 
Another reason for the low initial capacity is the low mass flow rate and the high enthalpy of the refrigerant 
entering the evaporator.  During the first 10 to 30 seconds of the on-cycle, superheated vapor is being sent through 
the capillary tube, as indicated by the comparison of the condenser exit temperature (State 3) with the saturation 
temperature in Figure 4.1.2.  Vapor at the condenser exit indicates high enthalpy refrigerant entering the evaporator 
and low mass flow rate through the capillary tube, both of which result in low evaporator capacity.  The enthalpy of 
the refrigerant entering the capillary tube will not decrease and mass flow will not increase until the refrigerant begins 
to condense in the condenser.  However, the high pressure oil sump on the rotary compressor tends to delay 
condensation.  As the discharge pressure increases during the first minute of the on-cycle, part of the refrigerant will 
be dissolved in the oil, dampening the rise in refrigerant supply, and hence in condenser pressure.  The relations 
developed by Grebner and Crawford (1993) for the solubility of R12 in naphthenic mineral oil were used to plot the 
trends in refrigerant/oil solubility for the first minute of the on-cycle as shown in Figure 4.1.4.  The 1.5 ounces of 
refrigerant dissolved in the 4.8 ounces of compressor oil delays condensation, thereby slowing the rise in capillary 
tube mass flow rate and evaporator capacity.  The amount of refrigerant dissolving in the compressor oil is greater at 
the lower ambient temperatures due to the lower compressor discharge temperature (see Appendix E). 
Table 4.1.1 shows that roughly half of the refrigerant pumped during the first thirty seconds dissolves 
directly into the compressor oil.  The dissolving rate was estimated from Figure 4.1.4 and the mass flow rate was 
determined from the compressor map corrected according to Appendix C.  The impossible dissolving rate of 140% in 
the 60° F ambient case may reflect the ability of the compressor map to under-predict the mass flow rate during liquid 
suction and therefore over-predict the percentage dissolved.  Recall that liquid refrigerant reaches the compressor at 
the 60° F ambient temperatures.  If liquid refrigerant passes through the compressor, the compressor map would 
underestimate the mass flow rate because the compressor map was developed for a compressor with superheated 
refrigerant in the suction line.  Another possible explanation may relate to the correlations of Grebner and Crawford, 
which were developed under equilibrium conditions.  These correlations may not apply to a transient phenomenon 
that lasts only thirty seconds.  The refrigerant may not dissolve in the oil as predicted because of the short residence 
time of the refrigerant near the oil sump. 
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Table 4.1.1 Rate of refrigerant dissolving in oil, first 30 seconds of on-cycle 
Tamb  
(°F) 
Average Mass Flow 
(lbm/hr) 
Average Dissolving Rate  
(lbm/hr) 
Percent of Mass Flow 
Dissolving in Oil 
60° 19.1 26.2 140 % 
75° 19.8 13.1 66 % 
90° 20.0 10.1 50 % 
100° 20.6 9.8 48 % 
Table 4.1.2 Capacity loss: two-phase evaporator exit stage  
Tamb Total Cycling Capacity 2 Phase Evap Exit Stage Capacity Loss 
(°F) (Btu/cyc) (Btu/cyc) Percent of Total 
60° 206 6.1 3.0 % 
75° 269 8.9 3.3 % 
90° 390 10.4 2.7 % 
100° 608 12.5 2.0 % 
 
The difference between the quasi-steady and cycling capacities defines the capacity loss.  The capacity loss 
during two-phase evaporator exit stage is shown in Table 4.1.2 and compared to the total cycling capacity.  The 
percent capacity loss is greater at lower ambient temperatures due to the increase in refrigerant liquid leaving the 
evaporator and the increase in refrigerant dissolving in the compressor oil.  
4.2 Power Penalty during the Two-phase Evaporator Exit Stage 
The cycling system power substantially exceeds the quasi-steady level during the first minute of the on-
cycle, as seen in Figure 4.2.1 for the 90° ambient temperature and in Appendix E for other ambient temperatures.  
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Figure 4.2.1 Power penalty: two-phase evaporator exit stage, Tamb = 90° F 
Most of the excess system power relative to the quasi-steady machine can be attributed to the different 
evaporating and condensing pressures seen by the compressor.  The compressor map can be used to determine the 
magnitude of this pressure effect.  Appendix C describes the inaccuracies of the compressor power values obtained 
from the compressor map.  However, the compressor map may still be used to measure relative trends in compressor 
power with changing evaporating and condensing pressures.  For example, the ratio of cycling to quasi-steady 
compressor map powers will quantify the increase (or decrease) in compressor power relative to the quasi-steady 
machine that is due solely to different evaporating and condensing pressures.  Any difference between this ratio and 
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the ratio of cycling to quasi-steady measured power is due to non-pressure related effects.  The assumption is made 
that the rate of change of compressor power predicted by the compressor map is the same as the rate of change of 
true compressor power with respect to changing evaporating and condensing pressures.  Figure 4.2.2 shows the 
compressor map power and measured power ratios for the first minute of the on-cycle.  The ratios are similar for other 
ambient temperatures, as shown in Appendix E, except for a large initial cycling power demand at the ambient 
temperature of 75° F which is likely due to a quick power spike that may have been missed at the other ambient 
temperatures due to the ten second data acquisition time resolution. 
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Figure 4.2.2 Non-pressure related power penalty: two-phase evaporator exit stage, 90°F 
The average difference between the compressor map and measured power ratios multiplied by the quasi-
steady power demand represents the power penalty due to non-pressure related effects.  The power penalty is 
quantified in terms of pressure and non-pressure related effects in Table 4.2.1 for the different ambient temperatures 
during the two-phase evaporator exit stage of the on-cycle.   
Table 4.2.1 Power Penalty: two-phase evaporator exit stage 
Tamb Total Cycling Power  2 Phase Evap Exit Stage Power Penalty  
 
 
(°F) 
Demand 
 
(W-h/cyc) 
Pressure 
Related (W-
h/cyc) 
Non-Pressure 
Related 
(W-h/cyc) 
Total 2 Phase 
(W-h/cyc) 
Percent of 
Cycling Total 
60° 48.7 0.26 0.07 0.33 0.7 % 
75° 72.5 0.14 1.1 1.24 1.7% 
90° 116.6 0.17 0.23 0.40 0.3 % 
100° 193.8 0.08 0.27 0.35 0.2 % 
 
The apparent increase in the power penalty at the 75° F ambient case is due to the power spike which was 
not detected at the other ambient temperatures.  The calculated power penalties are small enough to be affected 
significantly by the ten second time resolution of the data acquisition system.  Because of the strong influence of 
this initial power spike on the power penalty calculation, it is recommended that future research analyze compressor 
power data with a finer time resolution during the first ten seconds of the on-cycle. 
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Chapter 5: Superheated Evaporator Exit Stage 
During the superheated evaporator exit stage of the on-cycle, the cycling refrigerator's capacity is still 
approaching that of the quasi-steady refrigerator.  The power demand of the cycling refrigerator undershoots that of 
the quasi-steady refrigerator before increasing again towards the quasi-steady level. 
5.1 Capacity Loss during the Superheated Evaporator Exit Stage 
During the superheated evaporator exit stage of the on-cycle, the capacity continues its climb toward the 
quasi-steady value, as seen in Figure 5.1.1.  Appendix E shows that the capacity responds in a similar manner at the 
other ambient temperatures, noting the bias in the temperature measurements. 
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Figure 5.1.1 Capacity, Tamb = 90° F 
When the evaporator exit first becomes superheated, about one minute into the on-cycle, the evaporator has 
been depleted of refrigerant due to the high exit mass flow rate and the low entrance mass flow rate during the two-
phase evaporator exit stage.  The resulting exit superheat causes the evaporating temperature to fall to overcome the 
poor refrigerant-side heat transfer in the superheated zone.  As the on-cycle progresses and refrigerant is 
redistributed to the evaporator, the superheat is reduced and the rate of heat transfer approaches that of the quasi-
steady machine which has a higher evaporating temperature and lower level of superheat at the evaporator exit.  
Figure 5.1.2 shows the level of superheat and the evaporating temperature of the cycling and quasi-steady systems 
during the on-cycle. 
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Figure 5.1.2 Evaporating temperature and superheat, Tamb = 90° F 
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Figure 5.1.3 Refrigerant-oil solubility 
The decrease in evaporator exit superheat shown in Figure 5.1.2 signifies an increase in evaporator 
refrigerant mass.  The addition of charge to the evaporator during the superheated evaporator exit stage of the on-
cycle is facilitated by charge leaving the compressor oil.  Some of the refrigerant which dissolved in the oil during the 
two-phase evaporator exit stage is vaporized as the compressor shell temperature rises steadily during the on-cycle.  
Rough calculations indicate that the ten degree decrease in evaporator exit superheat seen in Figure 5.1.2 
corresponds to a 0.2 to 0.4 ounce increase in evaporator refrigerant mass.  According to the Grebner and Crawford 
solubility correlations, the compressor oil liberates 0.6 ounces of refrigerant while the evaporator superheat is 
decreasing, as seen in Figure 5.1.3.  These calculations support the hypothesis that the predominant charge 
redistribution path is from the evaporator to the compressor oil during the two-phase evaporator exit stage, and from 
the compressor oil to the evaporator during the superheated evaporator exit stage.  The evaporating temperature and 
superheat graphs, and the oil solubility graphs for other ambient temperatures are shown in Appendix E.  The 
difference between cycling and quasi-steady evaporator exit superheat and evaporating temperature, and the amount 
of refrigerant dissolved in oil is more pronounced at lower ambient temperatures.  This indicates that a greater amount 
of refrigerant migration takes place at lower ambient temperatures. 
The capacity loss during the superheated evaporator exit stage of the on-cycle is shown in Table 5.1.1.  The 
larger amount of refrigerant migration at the lower ambient temperatures observed above is not reflected in the 
capacity loss calculation.  However, the bias error involved in this calculation described in Appendix E may skew the 
relative magnitudes of the capacity loss at the different ambient temperatures.   
Table 5.1.1 Capacity loss: superheated evaporator exit stage  
Tamb Total Cycling Capacity Superheated Evap Exit Stage Capacity Loss 
(°F) (Btu/cyc) (Btu/cyc) Percent of Total 
60° 206 1.9 0.9 % 
75° 269 2.2 0.8 % 
90° 390 11.7 3.0 % 
100° 608 14.1 2.3 % 
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5.2 Power Penalty during the Superheated Evaporator Exit Stage 
The system power during the superheated evaporator exit stage of the on-cycle decreases below the power 
requirement of the quasi-steady machine, resulting in a power savings (see Figure 5.2.1).  Similar plots are shown for 
other ambient temperatures in Appendix E.  However, this power savings is offset by capacity loss to give a net loss 
in COP.  It is important to recognize that an increase in the COP of the cycling machine over that of the quasi-steady 
machine would only be possible if the power savings could be realized without the capacity loss. 
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Figure 5.2.1 System power, Tamb = 90° F 
The lower compressor power requirement in the cycling case relative to the quasi-steady case is caused 
mainly by a lower evaporating pressure.  The ratio of the cycling to quasi-steady compressor map power quantifies 
the portion of the decrease in compressor power that is due solely to different evaporating and condensing 
pressures.  This is shown in Figure 5.2.2 along with the ratio of the cycling to quasi-steady measured compressor 
powers.   
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Figure 5.2.2 Non-pressure related power penalty, Tamb = 90° F 
The difference between the curves represents the non-pressure related effects which cause the cycling 
compressor to require slightly more power than the quasi-steady compressor.  Figure 5.2.2 and the corresponding 
plots for the other ambient temperatures in Appendix E show that non-pressure related effects appear negligible at 
higher ambient temperatures, but may be significant at lower ambient temperatures.   
When cycling, the compressor components operate at a lower average temperature than the components of 
the quasi-steady compressor because of compressor cooling during the off-cycle.  Figure 5.2.3 shows that the 
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compressor shell temperature can be 30°F cooler when cycling compared to quasi-steady operation.  Perhaps the 
relatively cool compressor oil at the beginning of the on-cycle does not lubricate the rolling piston as well as the 
warmer compressor oil in the quasi-steady machine, resulting in mechanical losses.  At the higher ambient 
temperatures, the cycling compressor shell temperature increases through the on-cycle to within 5°F of the quasi-
steady compressor shell temperature.  The shorter on-cycle characteristic of the lower ambient temperatures does not 
permit the cycling compressor shell temperature to approach within 15°F of the quasi-steady compressor shell 
temperature (see Appendix E).  This may cause the cycling compressor to experience significant mechanical losses 
during a greater fraction of the on-cycle at lower ambient temperatures. 
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Figure 5.2.3 Compressor shell temperature: superheated evaporator exit stage, Tamb=90°F 
Support for this hypothesis is obtained from the compressor isentropic efficiency comp arison in Figure 
5.2.4.  The corrected compressor map mass flow rate described in Appendix C was used in the calculation of 
isentropic efficiency.  Apparently, the cooler cycling compressor requires more power and is less efficient at the 
beginning of the on-cycle than the warmer compressor of the quasi-steady machine.  The compressor efficiency at 
other ambient temperatures are shown in Appendix E.  Not only are efficiencies consistently lower at the beginning of 
the on-cycle, but the overall quasi-steady and cycling compressor efficiencies increase with increasing ambient and 
compressor temperature.  This lends more support to the hypothesis that a warmer compressor is more efficient. 
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Figure 5.2.4 Compressor isentropic efficiency, Tamb = 90°F 
The power penalty due to non-pressure related effects is determined by the difference between the 
compressor map and measured power ratios multiplied by the quasi-steady power demand.  The power penalty due to 
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pressure and non-pressure related effects is quantified in Table 5.2.1 for the different ambient temperatures during the 
superheated evaporator exit stage of the on-cycle.  The net negative power penalty indicates a power savings over 
the quasi-steady machine.  The positive power penalty due to non-pressure related effects indicates that the power 
benefit would have been even greater if evaporating and condensing pressures were the only factors affecting 
compressor performance. 
Table 5.2.1 Power penalty: superheated evaporator exit stage  
Tamb Total Cycling Power 
Demand 
2 Phase Evap Exit Stage Power Penalty  
(°F) (W-h/cyc) Pressure 
(W-h/cyc) 
Non-Pressure 
(W-h/cyc) 
Total 2 Phase 
(W-h/cyc) 
Percent of 
Cycling Total 
60° 48.7 -1.12 1.01 -0.11 -0.2 % 
75° 72.5 -0.64 0.49 -0.14 -0.2% 
90° 116.6 -0.89 0.46 -0.43 -0.4 % 
100° 193.8 -0.70 -0.32 -1.02 -0.5 % 
 
The trends in the power savings were consistent over the different ambient temperatures.  However, if a 
systematic error source had affected the power transducers in different directions by only 1% between cycling and 
quasi-steady experiments, the power savings calculations may err by 1 W-h/cyc for the superheated evaporator exit 
stage.  The small power savings listed in Table 5.2.1, therefore, are negligible given possible systematic measurement 
errors.  If the negative effect of high compressor operating temperatures on power demand is in fact negligible, there 
may be potential system-wide benefits to a cooler operating compressor.  For example, a lower compressor operating 
temperature may decrease the amount of superheat at the condenser inlet, thereby decreasing the quality at the 
condenser exit or even inducing subcooling if the condensing temperature does not change.  This effect was not 
discernible in the cycling and quasi-steady data presented here because of the large charge redistribution effects 
which also influenced the condenser exit condition. 
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Chapter 6: Conclusions and Recommendations 
This report identified and quantified the cycling losses of a domestic refrigerator-freezer.  Refrigerant 
migration during the off-cycle resulted in a 2 to 6% increase in the energy load.  The percent increase in load was 
greater at lower ambient temperatures.  During the on-cycle, the cycling performance was compared to the 
performance of a hypothetical quasi-steady machine which was not influenced by transient effects.  The efficiency 
degradation during the on-cycle ranged from 3 to 5%, and was attributable to power and capacity losses.  The 
cycling refrigerator demanded only 0 to 1.5% more power than the quasi-steady system, while the capacity loss due 
to cycling was a larger 3.9 to 5.6%.   
A 2.0 to 3.3% capacity loss and a 0 to 1.7% power penalty occurred during the first minute of the on-cycle 
while refrigerant was being redistributed from the evaporator to the oil sump on the high side of the compressor.  The 
capacity penalty was caused by evaporation in the suction line, and by the low flow rate and high enthalpy of the 
refrigerant entering the evaporator.  The high compressor power demand was due to a high evaporating pressure and 
a low compressor temperature.   
After the first minute of the on-cycle, the evaporator was depleted of charge, resulting in high levels of 
superheating at the evaporator exit.  During the remainder of the on-cycle there was a 0.8 to 3.0% capacity loss and a 
0.2 to 0.5% power savings.  The capacity loss resulted directly from the superheat, which reduced the size of the two-
phase zone, which in turn was not fully offset by the reduction in evaporating temperature.  As the compressor 
warmed, refrigerant was liberated from the oil to fill the evaporator.  The power savings, though within the probable 
range of measurement uncertainty, was attributable to the lower evaporating temperature. 
Several options for reducing cycling losses are suggested by these results.  The most obvious is to use a 
check valve to prevent refrigerant migration to the low side during the off-cycle.  Charge minimization could have a 
proportionate effect on migration loss.  Reducing losses during the on-cycle, however, is not so straightforward.  A 
check valve would help accelerate refrigerant redistribution by ensuring a liquid seal at the condenser exit.  However, 
the controlling factor appears to be the mass of oil, or more precisely its ability to hold refrigerant.  For this rotary 
compressor with its high-side sump, the oil temperature was tied to the compressor thermal capacitance.  Apart from 
switching to a low-side sump, the only options would be to reduce the oil inventory and the compressor mass. 
The results of this analysis can be used to adjust the results of quasi-steady simulations to predict the 
energy use by a cycling refrigerator.  The parameters needed for this steady-state modeling were estimated from the 
steady-state data obtained in these experiments, and are presented in Appendix D. 
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Appendix A: Instrumentation 
The analyses conducted in this report are founded on the measurement of air and refrigerant temperature, 
atmospheric and refrigerant pressure, and heater, fan and compressor power.  In this appendix, the acquisition of 
these measurements will be addressed with a focus on sensor installation, sensor location, and the role of 
measurements in the analyses of this report. 
A.1 Air Instrumentation 
The measurements falling in the air-side category are air temperature and pressure and heater and fan power.  
Figure A.1.1 shows the locations of air-side thermocouples, cabinet heaters, and fans.  The cabinet heaters and 
heater controllers were present inside the cabinets for every experiment, however, they were only functional during 
the steady state tests.  The cabinet temperatures were held s teady for the steady-state tests by adding the necessary 
load via the cabinet heaters.  The rate of heat added to the cabinets by the heaters was measured separately by 
sensing the electrical power to the heaters with two power transducers (Ohio Semitronics and Scientific Columbus 
power transducer model number XL-5C5-A2).  The heat contributions of the condenser and evaporator fans were 
also measured through electrical power transducers from the same manufacturer, model numbers PC519E and 
PC5103C, respectively.  The fresh food fan power was measured with the fresh food heater power.  Because of the 
negligible increase in the kinetic energy of the air through these fans, it is assumed that all of the fan power 
contributes to the heating of the air.  The fresh food cabinet fan was used to reduce the temperature stratification 
within the fresh food cabinet.  It was always running, even during off-cycles. 
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Figure A.1.1 Experimental refrigerator: air-side configuration 
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The air-side thermocouples were made with 24-AWG, type T thermocouple wire purchased from Omega 
Engineering, Inc. (Part number PR-T-24).  Thermocouples were placed evenly throughout the fresh food and freezer 
cabinets and at heat exchanger inlets and outlets.  The readings from the four thermocouples at the freezer cabinet 
inlet grate were averaged mathematically to give the temperature of the air entering the freezer cabinet, Ta,z,i.  The 
thermocouple placed in the supply duct to the fresh food cabinet gave the temperature of the air entering the fresh 
food cabinet, Ta,f,i.  The temperature of the air leaving the evaporator fan, Ta,e,fan,o, was found by mathematically 
averaging the thermocouple readings from the freezer supply grate and from the fresh food supply duct.  Four 
thermocouples sensed temperatures throughout the freezer cabinet, and six throughout the fresh food cabinet.  The 
readings from these thermocouples were averaged mathematically to give the freezer and fresh food cabinet 
temperatures, Ta,z and Ta,f, respectively.  The temperature of the air leaving the freezer cabinet, Ta,z,o, was determined 
by mathematically averaging the readings from the four thermocouples downstream in the freezer return duct.  The 
readings from the two thermocouples in both of the fresh food return passages were averaged mathematically to give 
the temperature of the air leaving the fresh food cabinet, Ta,f,o.  The freezer and fresh food return air do not mix before 
entering the evaporator.  The evaporator air inlet temperature was calculated as an average of the two return air 
temperatures weighted by the freezer air fraction, fz, estimated in Appendix D.  
Eight thermocouples were evenly spaced at the entrance to the condenser.  These were wired in parallel, 
resulting in one averaged signal giving the temperature of the air entering the condenser, Ta,c,i.  Although the 
temperature is non-uniform across the inlet to the condenser, rough measurements showed that the air velocity is 
uniform.  Therefore, a simple average provides the mean temperature of the inlet air to the condenser.  Previous 
research has shown that the use of parallel thermocouple circuits for averaging gives dubious results (see Benedict, 
1977).  Indeed, it has been found in this experimental program that the signal from a parallel thermocouple array will 
favor the thermocouple with the shortest leads.  For this reason, special care was taken in creating the thermocouple 
array at the condenser entrance to ensure that all eight thermocouples had the same length leads.  The temperature at 
the condenser exit varied significantly depending on thermocouple location.  Four thermocouples were spaced across 
the path of the air leaving the condenser and their signals were read individually.  The temperature of the air leaving 
the condenser fan, Ta,c,fan,o, was measured by a thermocouple hooked to a fan motor bracket.  One thermocouple was 
also placed at the front grille to measure the temperature of the air further downstream of the condenser fan. 
Table A.1.1 Temperature variations across air passages  
 Number of Temperature Variation (°F) 
Location Spatial Readings Low Ambient Temp High Ambient Temp 
fresh food cab. 6 2.1 3.8 
freezer cabinet 4 6.5 4.2 
fresh food return 2 2.0 (max diff.) 1.5 (max diff.) 
freezer supply 4 7.0 5.2 
freezer return 4 3.0 1.9 
condenser exit 4 5.3 4.8 
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Table A.1.1 shows the typical variation in temperature across air passages where thermocouple readings are 
averaged.  The temperature variation is found by estimating the range of temperature within which 95% of all spatial 
readings will fall (see Figliola and Beasley, 1991).  This is accomplished by multiplying the standard deviation of the 
temperature readings across an air passage by the Student-t value appropriate for the number of readings taken.  
Only the maximum difference between the two fresh food return air readings are shown.  Because the temperature 
variations seem to vary with the ambient temperature, the typical temperature variations are shown in Table A.1.1 for 
both the lower and higher ambient temperatures. 
Admittedly, the temperature variations listed in Table A.1.1 are too large for any accurate absolute heat 
transfer analyses.  However, the emphasis in these analyses is on the comparison between steady-state and cycling 
system performance.  Thus, so long as the air temperatures are measured consistently between steady-state and 
cycling experiments, the conclusions based on relative heat transfer magnitudes should be valid. 
The air pressure was measured in the environmental chamber with a pressure transducer, Setra model 280E.  
The variation of air pressure throughout the refrigerator was assumed to be negligible. 
A.2 Refrigerant Instrumentation 
Figure A.2.1 shows the routing of the refrigerant loop as well as the placement of absolute pressure 
transducers (P), differential pressure transducers (?P), refrigerant-side thermocouples (Tr), and surface 
thermocouples (Ts).  The surface thermocouples were made with 24-AWG, type T thermocouple wire purchased from 
Omega Engineering, Inc. (Part number PR-T-24).  The surface thermocouples at the midpoint of the interchanger, at 
the midpoint of the condenser, and on the compressor shell were secured to the metal with thermally conductive 
epoxy.  All of the other surface thermocouples were soldered to the metal.  All surface thermocouples were wrapped 
in insulation tape to reduce the heat transfer through the tube walls and thereby reduce the temperature gradient 
through the tube walls.  The immersion thermocouples were enclosed in 0.02 inch diameter, stainless steel sheathes 
(Omega Engineering, Inc., part number TMQSS-020U-6).  The immersion thermocouples were installed with the 
pressure taps in instrumentation segments at five locations: the evaporator exit, the evaporator inlet, the compressor 
exit, the compressor inlet, and the condenser exit.  Figure A.2.2 shows the construction of a typical instrumentation 
segment.  Each instrumentation segment was made up of the same sized and shaped tubing as the normal tubing 
segment it replaced, in length, diameter and location of bends.  
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Figure A.2.2 Instrumentation segment 
Baseline steady-state and cycling experiments were run before the system was cut and the refrigerant-side 
instrumentation was added.  The major changes in surface thermocouple measurements for identical steady-state 
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ambient and evaporator air temperatures are shown in Table A.2.1.  These values are rough averages from five sets of 
baseline comparisons. 
Table A.2.1 Surface thermocouple measurement changes after ref.-side instrumentation 
TC Location Change in Measurement 
1 - 4° F 
3 + 4° F 
9 - 11° F 
11 - 5° F 
 
Although Table A.2.1 may indicate severe system changes caused by the refrigerant-side instrumentation, 
surface thermocouple measurements are significantly dependent on epoxy and insulation placement techniques.  The 
surface thermocouples at locations 1, 3 and 9 were replaced after the addition of the refrigerant-side instrumentation 
segments.  Changes in tube surface preparation or insulation application may have caused the large change in 
thermocouple reading for these replaced thermocouples. 
A better gauge of the effect of refrigerant-side instrumentation on system performance is a comparison of 
cycling energy use.  The cycling performance of the experimental refrigerator was recorded with identical ambient 
temperatures and temperature control settings before and after the addition of the refrigerant-side instrumentation.  
The performance comparison is shown in Table A.2.2. 
Table A.2.2 Effect of refrigerant-side instrumentation on system cycling performance, 90°F 
 Before Ref-side 
Instrumentation 
After Ref-side 
Instrumentation 
 
Difference 
Cycling Time (min) 69.2 67.0 -3.2 % 
Percent Time On 60.7 % 61.7 % 1.0 % 
Energy Used (kWh/day)  
2.48 
 
2.52 
 
1.6 % 
 
The change in system performance caused by the addition of refrigerant-side instrumentation should be 
noted, but its relevance to experiments conducted after the change is not investigated any further. 
A.3 System Power Measurement 
The system power was measured with an Ohio Semitronics and Scientific Columbus power transducer, 
model number PC519E.  This measurement included the power demand of the evaporator and condenser fans, as well 
as the compressor power demand.  The power demand of the compressor alone was determined by subtracting the 
power measurements of the evaporator and condenser fans (described in section A.1) from the system power 
measurement. 
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Appendix B: Measurement Uncertainty 
All of the experimental analyses described in this report are founded on three physical measurements: 
temperature, pressure, and electrical power.  Thus, the confidence one may have in the analyses is constrained by the 
measurement uncertainties inherent in the experimental methods and apparatus.  It is necessary, then, to quantify the 
uncertainties in temperature, pressure, and electrical power to establish the credibility of the analyses. 
B.1 Temperature Measurement Uncertainty 
The uncertainty in the temperature measurements recorded through our experimental apparatus will vary 
with the method of data reduction used.  In order to make this text useful to others who may have used data from the 
apparatus differently, a couple of different data reduction scenarios will be addressed.  First, a description of the 
temperature data acquisition system is necessary. 
B.1.1 Temperature Data Acquisition 
A Strawberry Tree data acquisition system is used to record all measurements, temperature included.  All 
temperatures are sensed by thermocouples (see Appendix A for locations).  The voltages from the thermocouples are 
measured at terminal panels located on the outside wall of the environmental chamber (see Figure B.1.1).  A terminal 
panel joins a group of eight thermocouples to their respective data acquisition leads.  The connections function as 
the reference junctions and are made on a solid block of aluminum.  Any change in the temperature of the aluminum 
block will cause an offset in the thermocouple voltage readings.  To compensate for this, the thermocouple voltage 
readings are adjusted to account for any changes in the temperature of the aluminum block, measured with an RTD.  
The adjusted thermocouple voltage reading is then correlated to a temperature value through a standard curve fit 
supplied by Strawberry Tree for the appropriate thermocouple type.  All of this signal processing is  hard-wired into 
the Strawberry Tree software. 
T21T21 T21T21T21 T21
48 T-type thermocouples
ACM2-16-16 ACM2-16-16 ACM2-16-16
Macintosh IIx data acquisition 
                computer
Terminal Panels on 
chamber outer wall
Analog Input Cards 
in computer CPU
 
Figure B.1.1 Strawberry Tree temperature data acquisition 
B.1.2 Reference Junction Temperature Calibration 
According to the Strawberry Tree literature, the temperature measurement of the aluminum blocks must be 
periodically adjusted for offset drift.  The offset of the RTD is adjusted by the user through the CCAL number.  
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Strawberry Tree suggests that the user measure the temperature of a water or oil bath with a thermocouple connected 
to a terminal panel, compare the measurement with a mercury thermometer, and change the CCAL number for the 
terminal panel appropriately to eliminate any discrepancy between the thermometer and thermocouple.  Changing the 
CCAL number by 75 will change the thermocouple reading by 1°C.  In essence, this changes the reference junction 
temperature of all eight channels on the terminal panel by the same offset. 
Throughout this research program, the accuracy of the reference junction temperature measurement has 
been monitored by comparing a thermocouple reading through the channels of a terminal panel with a thermometer 
reading of a water bath temperature.  From this work, it appears that the reference junction temperature of each 
thermocouple is not simply the temperature of the terminal panel aluminum block as measured by the single RTD.  
Rather, sizable temperature gradients within the aluminum block cause the reference junction temperature to differ 
between the eight thermocouples connected to the same terminal panel.  Therefore, there is a need to correct the 
reference junction temperature measurement differently for each thermocouple rather than identically for all the 
thermocouples of a single terminal panel. 
Two methods have been developed in our research program to correct temperature measurements for errors 
in the measurement of the reference junction temperature.  The first method will be termed the Tare Method, and the 
second, the Water Bath Method.  The Tare Method involves connecting the thermocouples installed in the 
experimental refrigerator to the terminal panels.  The refrigerator is allowed to soak in the environmental chamber until 
thermal equilibrium is reached.  All of the thermocouple readings are recorded, averaged over thirty minutes, and 
subtracted from the chamber temperature as measured by an array of thermocouples surrounding the refrigerator.  
Thus, each thermocouple has its own "tare value" which must be subtracted from all measurements made by that 
thermocouple.  "Tare values" are determined for every chamber temperature used in the experimental program.  The 
Tare Method is attractive because it essentially adjusts the offset of every thermocouple calibration so that it 
correctly reads the chamber temperature.  However, the Tare Method assumes that the chamber is adequately 
isothermal.  Earlier tests have shown vertical stratification in the environmental chamber to be within 0.5° F. 
The Water Bath Method was developed in an effort to avoid the uncertainties of the Tare Method.  With 
the Water Bath Method, the temperature of a water bath is measured with eight thermocouples through a single 
terminal panel.  The temperature readings of the thermocouples are averaged over thirty minutes and subtracted from 
a mercury thermometer reading, yielding corrections for each channel of the terminal panel.  The corrections are 
found for the channels of the other terminal panels in a similar manner.  The Water Bath Method is advantageous 
because it adjusts the thermocouple calibrations to match the reading of a mercury thermometer which is traceable to 
a standard.  Unfortunately, the Water Bath Method assumes that there is no difference between the calibration 
thermocouples and the true thermocouples installed in the experimental refrigerator.  This is a good assumption 
considering all of the thermocouples have been fabricated from the same batch of wire. 
B.1.3 Measurement Uncertainty 
Although the temperature measurement uncertainty will vary with the method of reference junction 
calibration, there are several sources of uncertainty which are not avoided by either method: random data acquisition 
error, temporal variation of terminal panel temperature gradients and thermocouple wire calibration error.  The random 
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data acquisition error includes the resolution of the data acquisition system and electronic noise.  The magnitude of 
the uncertainty caused by the random error is calculated from the fluctuation of the water bath temperature 
measurement when recorded once every minute for thirty minutes.  This uncertainty is eliminated when temperature 
measurements are averaged over time as in the steady state tests.  The temporal variation of terminal panel 
temperature gradients is determined from the fluctuation of the channel corrections between two Water Bath 
reference junction temperature calibrations conducted three weeks apart. 
The thermocouple wire calibration error is  made up of two parts: curve fitting error and thermocouple wire 
impurity.  That is to say, there will be a difference between the temperature sensed by the thermocouple and the 
temperature reading because the measured voltage is matched to a temperature through a curve fit rather than exact 
points and because the curve fit corresponds to a nominal standard thermocouple rather than the thermocouples 
used in the lab.  It is assumed that the limits of error supplied by the manufacturer, Omega, combines these error 
sources (Omega, 1989). 
Additional measurement error originates from the method of reference junction temperature calibration.  
When the Tare Method is used, the corrected temperatures are no more accurate than the measurement of the 
chamber temperature.  Sources of error in the chamber temperature measurement include the temporal variation of 
terminal panel temperature gradients, the thermocouple wire calibration error and the temperature gradients within the 
chamber, assumed to be 0.5°F.   
With the Water Bath Method of reference junction temperature calibration, the corrected temperatures are 
no more accurate than the measurement of the water bath temperature.  The water bath temperature measurement may 
err due to inaccuracies in the mercury thermometer and temperature gradients in the water bath, assumed negligible. 
Table B.1.1 Temperature measurement uncertainty categories 
Error Sub-category Reference Junction 
Temp. Calibration Method 
Source  Tare  (F) Water Bath  (F) 
Random  0.05 0.05 
  Data Acq.    
    
Temporal  0.2 0.2 
  Variation    
    
Wire  1.8 1.8 
  Calibration    
    
Chamber Temporal 0.2  
  Temperature   Variation   
    
 Wire 1.80  
   Calibration   
    
 Temperature 0.5  
   Gradients   
    
Water Bath   0.09 
  Temperature    
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Table B.1.2 Temperature measurement uncertainties 
 
Data 
Reference Junction 
Temp. Calibration Method 
Type Tare  (F) Water Bath  (F) 
Averaged   
Difference 0.20 0.20 
Single   
Difference 0.21 0.21 
Averaged   
Absolute 2.61 1.81 
Single   
Absolute 2.61 1.81 
 
The values of the temperature uncertainties attributed to the different error sources are shown in Tables 
B.1.1.  The two columns represent the two methods of reference junction temperature calibration, as described above.  
The root-sum-squared total uncertainties are shown in Table B.1.2.  When estimating the uncertainty in a temperature 
difference, only the first two uncertainty categories apply.  When data are averaged over time, as in steady state 
tests, the random uncertainty is eliminated.  All temperature data referred to in this report were reduced using the 
Water Bath Method, thus only the second column applies. 
B.2 Pressure Measurement Uncertainty 
Table B.2.1 Pressure measurement uncertainty 
Transducer Location Patm ?Psuct ?Pc ?Pe P9 P1 
Model 280E C228-1 C228-1 C228-1 C280E 207.000 
Range 0-25 psia 0-25 psid 0-25 psid 0-10 psid 0-100 psia 0-250 psig 
Non-repeat'y, psi  0.005 0.013 0.013 0.005 0.020 0.050 
Hysteresis, psi  0.0125 0.050 0.050 0.010 0.050 0.200 
Thermal Effects, psi  0.212 0.212 0.212 0.085 0.636 1.350 
Stability, psi       1.250 
Line Pressure, psi   0.005 0.130 0.002   
Curve Fit, psi   0.016 0.012 0.008 0.110 0.170 
Total 0.212 0.219 0.254 0.086 0.648 1.859 
 
The pressure measurement uncertainty depends on the source of the calibration curve used to translate the 
transducer output to a pressure measurement.  Previous refrigerator experiments relied on the calibration curves 
obtained from the manufacturer, assuming that the calibrations were not affected during shipping.  An additional 
source of error present when using the manufacturer's calibration curve is associated with the pressure transducers 
which have current outputs.  The pressure transducers with current outputs are connected to resistors to create a 
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voltage signal which is read by the data acquisition system.  Because the manufacturer calibrates the current output, 
the manufacturer's calibration for these transducers will err due to any difference between the nominal and true 
resistance of the resistor used to create the voltage output.  For the experimental refrigerator used in this analysis, 
pressure transducers were calibrated using an on-site dead weight tester to eliminate these error sources.  Table B.2.1 
gives the uncertainties in the pressure measurements which are unique to the pressure transducers.  The uncertainty 
values were obtained from Setra data sheets for operating conditions typical for this experimental program. 
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Figure B.2.1 Strawberry Tree pressure and power data acquisition 
Figure B.2.1 shows the Strawberry Tree pressure and power data acquisition system used in this 
experimental program.  Although a mass flow meter was not installed in the experimental refrigerator, it is included in 
the diagram to show the capabilities of the data acquisition system. 
B.3 Power Measurement Uncertainty 
Five electric power measurements were recorded in this experimental program: total system power, 
condenser fan power, evaporator fan power, freezer cabinet heater, and fresh food cabinet heater.  The power data 
acquisition system is shown in Figure B.2.1.  The power transducers were manufactured by Ohio Semitronics and 
Scientific Columbus.  The manufacturer's accuracy for the specific transducer models is shown in Table B.3.1.   
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Table B.3.1 Power transducer application and accuracy 
Model Application 
Current 
(Amp) 
Voltage  
(Volts) 
Manufacturer 
accuracy 
Measured  
accuracy 
PC519E System 0 - 15  0 - 150  ±7.5W  
±0.4W (0-15W) 
PC519E Cond Fan 0 - 15  0 - 150  ±7.5W ±1.8W (15-230W) 
±8.6W (230-313W) 
PC5103C Evap Fan 0 - 1  85 - 135  ±0.5W  
XL-5C5-A2 Freezer Heat 0 - 5  120  ±1.25W  
XL-5C5-A2 Refrig. Heat 0 - 5  120  ±1.25W  
 
A thorough power measurement uncertainty analysis has not been undertaken.  However, the system power 
transducer measurements were compared with the measurements from a Valhalla Scientific model 2100 power 
analyzer, as described by Rubas and Bullard (1993).  The discrepancies between the two transducers is shown in the 
last column of Table B.3.1.  All of the power measurements for the refrigerator experiments fall within the 15-230W 
range.  Although there is good agreement, a power measurement uncertainty analysis should be based on 
comparisons with a standard.  Lacking this, the manufacturer's accuracy values will be used. 
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Appendix C: Compressor Map Precision 
The compressor map is a listing of mass flow rate and power data recorded from a representative compressor 
of a particular model running over a range of three evaporating and condensing temperatures in a 90°F calorimeter by 
the compressor manufacturer.  The mass flow and power data are fit to second-degree polynomial equations in 
evaporating and condensing temperature for use in these analyses.  Although the condensing temperature is 
accounted for in the compressor map curve fit, the fit will be extrapolated by as much as 30°F lower than the lowest 
compressor map condensing temperature data in order to include the low ambient temperature experimental 
refrigerator data.  The consequences of such an extrapolation can be significant, therefore the compressor map curve 
fit calculations with 60°F and 75°F ambient temperature data will be considered suspect.  The compressor map for the 
compressor in the experimental refrigerator was drawn from a different compressor of the same model running with a 
different suction density and a different shell temperature than typically seen by the compressor in the experimental 
refrigerator.  The suction refrigerant density and the compressor shell temperature are two parameters which are not 
included in the compressor map curve fit, but may significantly affect the compressor power and mass flow rate.  The 
effects of these parameters on the prediction of compressor power and refrigerant mass flow rate using the 
compressor map will be investigated below. 
C.1 Compressor Power  
The test facility was capable of measuring the power required by the compressor of the experimental 
refrigerator as well as the pressure of the refrigerant before and after the compressor.  From these pressures, the 
saturation temperatures before and after the compressor were calculated.  The compressor map was then used to 
calculate the compressor power from the saturation temperatures before and after the compressor.   
The compressor power measurements and calculations were compared at four ambient temperatures for the 
experimental refrigerator running at steady-state: 60°F, 75°F, 90°F, and 100°F.  The ratios of the measured to calculated 
compressor power consumption are shown in Figures C.1.1 through C.1.4 for the steady-state cases.  The two major 
parameters which are not included in the compressor map curve fit are suction refrigerant density and compressor 
shell temperature.  It has been shown that these two parameters may have a significant effect on the compressor 
power (see Rubas and Bullard, 1993, Admiraal and Bullard, 1993, and Dabiri and Rice, 1981).  To reveal any trends in 
the measured to calculated compressor power ratio with different suction refrigerant densities and compressor motor 
temperature, Figures C.1.1 through C.1.4 also show the ratios of experimental to calculated suction refrigerant 
densities and experimental compressor shell temperature (the compressor map shell temperature is unknown). 
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Figure C.1.1 Compressor power comparisons, Tamb = 60°F 
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Figure C.1.2 Compressor power comparisons, Tamb = 75°F 
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Figure C.1.3 Compressor power comparisons, Tamb = 90°F 
 41 
0.8
1
1.2
1.4
1.6
1.8
2
14
m
ea
su
re
d/
m
ap
10 6
comp power
suction density
meas'd comp
shell temp/100 (ÞF)
2
Evaporator Air Inlet Temperature (ÞF)  
Figure C.1.4 Compressor power comparisons, Tamb = 100°F 
If the suction density and compressor shell temperature can be considered independent, then Figures C.1.1 
through C.1.4 show that the ratio of measured to calculated compressor power increases with an increasing suction 
density ratio and decreases with an increasing compressor shell temperature.    
C.2 Refrigerant Mass Flow Rate 
The measured saturation pressures before and after the compressor can also be used to calculate the 
refrigerant mass flow rate using the compressor map.  A measurement of mass flow rate with which to compare the 
calculated mass flow rate is not as easily available as the measurement of compressor power.  Instead, the term 
"measured mass flow rate" will refer to the calculations of Equations C.2.1 and C.2.2 which depend on various 
temperature, pressure and power measurements.  These equations are derived from a steady-state refrigerant-side 
energy balance cutting the refrigerant tube before the compressor (State 11) and after the condenser (State 3). 
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Equations C.2.1 and C.2.2 can only be used when the enthalpy at the condenser exit is measurable from local 
pressure and temperature data, meaning the refrigerant exiting the condenser must be subcooled.  Since this is not 
achieved by the experimental refrigerator during typical operation, special steady-state experiments were run with 
unusually high cabinet temperatures.  Five such experiments were run at a 60°F ambient temperature and three at a 
75°F ambient temperature.  The measured to calculated refrigerant mass flow rate and suction density ratios are 
shown in Figures C.2.1 and C.2.2 as well as the measured compressor shell temperature. 
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Figure C.2.1 Compressor mass flow rate comparisons, Tamb = 60°F 
Although the mass flow rate and suction density ratios and the compressor shell temperature do not vary 
significantly between data points with the same ambient temperature, all but the mass flow rate ratio are noticeably 
different when comparing the data at different ambient temperatures.  Apparently, the ratio of measured to map 
refrigerant mass flow rate is not directly affected by the suction density and compressor shell temperature.   
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Figure C.2.2 Compressor mass flow rate comparisons, Tamb = 75°F 
In the analyses throughout this report, it is often necessary to have some indication of the refrigerant mass 
flow rate.  Because the "measured" value is only available for an unusual operating condition (subcooling at the 
condenser exit), it is necessary to base refrigerant mass flow estimations on the compressor map mass flow rate 
values when the experimental refrigerator is running under typical conditions.  Three methods are used to adjust the 
compressor map mass flow rate values to more accurately predict the mass flow rate: suction density correction, 
power correction, and empirical curve fit.   
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The suction density correction, as presented by Dabiri and Rice (1981), is based on the assumptions that 
compressor speed, compressor displacement, and compressor volumetric efficiency evaluated at the compressor shell 
inlet are constant.  Making these assumptions allows the simplification from Equation C.2.3 to C.2.4. 
BB,DBB,vol
AA,DAA,vol
B
A
NV
NV
m
m
××r×h
××r×h
=
&
&
 (C.2.3) 
B
A
B
A
m
m
r
r
=
&
&
 (C.2.4) 
Accordingly, the refrigerant mass flow rate should be directly proportional to the density of the refrigerant 
in the suction line.  However, Figures C.2.1 and C.2.2 do not show such a consistent trend between mass flow and 
density, as noted above.  The compressor map refrigerant mass flow rate is corrected by Equation C.2.4 and the 
comparison with the measured mass flow rate for subcooled condenser exit data points is shown in Figure C.2.3.  Not 
only does the density correction fail to predict the measured mass flow rate, it even gives a worse prediction than the 
uncorrected compressor map calculation. 
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Figure C.2.3 Compressor map corrections for mass flow rate 
The second refrigerant mass flow rate correction to be presented is the power correction.  Although the 
operating conditions dictate when the refrigerant mass flow rate can be deduced from measured data, the compressor 
power can always be measured.  The power correction will use the relationship between the measured and 
compressor map values for compressor power to predict the relationship between the measured and compressor map 
values for refrigerant mass flow rate.  With the assumption that compressor isentropic efficiency is constant, Dabiri 
and Rice (1981) developed the following correlating equations.   
hisen = hisen,map  (C.2.5) 
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Dh isen = h P1 ,s11[ ]- h P11 ,T11[ ] (C.2.9) 
Dh isen, map = h P1 ,s11,map[ ]- h P11,T11,map[ ] (C.2.10) 
s11,map = s P11 ,T11, map[ ] (C.2.11) 
  T11,map = 90
o F
 (C.2.12) 
The prediction of refrigerant mass flow rate using the power correction is also shown in Figure C.2.3 to be 
less accurate than the uncorrected compressor map calculation. 
Finally, the compressor map refrigerant mass flow rate values are corrected using a linear relationship 
between the compressor map values and the measured values obtained from the subcooled condenser data.  The 
measured and calculated refrigerant mass flow rates are shown in Figure C.2.4 with the linear correlation parameters. 
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Figure C.2.4 Empirical refrigerant mass flow correction 
Figure C.2.3 shows that the empirical correction allows for the most accurate prediction of refrigerant mass 
flow rate using the compressor map values.  However, there are two curve fitting issues which demand cautious use 
of this correction.  First, the data used to create the compressor map curve fit are dependent on condensing 
temperatures which are all higher than those found in the subcooled condenser exit data.  Therefore, the compressor 
map mass flow rate values are determined by extrapolating the compressor map curve fit.  Second, for a typical 
operating cycle, the compressor map gives refrigerant mass flow rate values ranging from 11 lbm/hr to 14 lbm/hr.  The 
use of the compressor map correction shown in Figure C.2.4 to find the mass flow rate under typical conditions would 
require the extrapolation of the linear curve fit.  The analyses in this report use the compressor map refrigerant mass 
flow rate corrected with the empirical linear curve fit.  Thus, any conclusions based on the quantification of the 
refrigerant mass flow rate should be read with the above cautions in mind. 
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Appendix D: Parameter Estimation 
Physical parameters have been estimated for the experimental refrigerator for any future development of a 
full system model.  The parameter estimation process will be described in the context of the refrigerator component 
models.  Uncertainties will also be given for each estimated parameter.  A description of the parameter uncertainty 
analysis process is presented first. 
D.1 Parameter Uncertainty Analysis 
The estimation of a parameter for inclusion in a refrigerator model involves finding the values of physical 
parameters which balance the energy equation the best for a range of data.  Two factors affect the accuracy of the 
estimated parameters: measurement accuracy and modeling accuracy.  The first involves factors such as sensor 
calibration and measurement signal conditioning, while the second involves the correct use of measured data in 
equations that describes physical reality with varying degrees of success.  The determination of the accuracy of 
estimated parameters must address these two issues. 
Measurement error manifests itself in two manners: random and bias error.  Random error is the random 
variation of the measurement about the true value as time passes.  Bias error is any fixed difference between the 
measurement and the true value as time passes.  Bias error may vary with the measurement magnitude, but it does so 
in a systematic manner.  If every measured value used in estimating a certain parameter were only affected by random 
error and no modeling errors were present, the parameter would vary randomly about the true parameter value when 
the energy equation is satisfied for each data point.  With the presence of bias error, the estimated parameter may 
deviate from the true parameter by a factor that is dependent on the nature of the bias error.  If this bias factor is 
constant through all data points, then the parameter error is unnoticeable.  That is, the measured parameter for each 
data point scatters randomly about  a single (false) value.  If the nature of the bias measurement error can be 
estimated, as in the case of measurements before calibration is applied, then the parameter can be adjusted to reduce 
the bias error.   
Modeling accuracy is the ability of the energy equation to represent reality.  Any missing terms or factors in 
the energy equation affect parameter estimation in the same manner as bias measurement error.  For example, heat 
addition which is not included in the energy equation can either influence the estimated parameter in a manner that is 
constant or varying systematically between data points, depending on whether or not the unmodeled heat flux is 
constant or varying. 
The quantification of parameter uncertainty requires knowledge of the random and bias factors influencing 
the measurements and the accuracy of the modeling equation.  If random measurement error is the only source of 
parameter error, then the estimated parameter will equal the true parameter value because the random errors of the 
individual data points will average out.  Although this case is impossible to achieve, it can be approached if the bias 
measurement errors and modeling inaccuracies are reduced to negligible amounts.  Unfortunately, modeling 
inaccuracies are difficult to pinpoint when dealing with a production model domestic refrigerator.  Heat leaks, air 
leaks, and unmeasurable refrigerant mass flow rates often make energy balances (a common bias error detection tool) 
impossible to achieve.  Therefore, the goal of an uncertainty analysis should not be to estimate the deviation of the 
calculated value of a parameter from the true physical value, if it even exists.  Rather, an uncertainty analysis should 
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be a means of judging the relative magnitudes of the random errors, bias errors, and modeling inaccuracies, in order 
to more consistently model a particular refrigerator.   
An explanation of the estimation of each parameter for the experimental refrigerator follows.  Every parameter 
can be calculated from data taken from a single operating condition.  However, for modeling robustness, the 
parameters are chosen which balance the energy equation the best over a range of operating conditions.  Though the 
parameters should theoretically be constant over the operating conditions, there always exists some parameter 
scatter between data points.  The scatter in a parameter calculated for each operating condition gives insight into the 
presence of errors.  In the parameter estimations that follow, the known random measurement errors are propagated 
through to the individual parameter calculations for each operating condition by finding the root-sum-square 
combination of the error effects (see Moffat, 1988).  If the parameter scatter is within the random measurement error 
bars, then the systematically varying bias measurement and modeling errors have been reduced enough to reveal a 
precise parameter value.  Note that an accurate parameter value will still not be apparent until the constant bias 
measurement and modeling errors have been eliminated.  However, if the parameter scatter is not within the random 
measurement error bars, then there are significant systematic bias measurement and modeling errors which should be 
reduced through more accurate modeling or better instrument calibration. 
When incorporating these parameters into a full system design model, a subtle yet significant issue must be 
addressed.  Without an independent refrigerant flow rate measurement, air-side to refrigerant-side energy balances 
can not be made and most constant bias errors will remain undetected.  An estimated parameter may then be precise 
with respect to the parameters calculated for the different operating conditions, but not accurate with respect to the 
true parameter value.  This has serious repercussions for the design of refrigerators using computer models.  If bias 
measurement errors or modeling errors are significant, then two estimated parameters may not be truly independent 
and the adjustment of one without the other may lead to misleading design conclusions.  Therefore, the use of a 
refrigerator model for design purposes should be trusted to a degree commensurate with the proximity of the design 
conditions to the conditions under which the parameters were estimated. 
D.2 Freezer Air Fraction, Cabinet Conductance and Evaporator Air Flow Rate  
A method has been developed to determine the fraction of evaporator air flow sent to the freezer (fz), the 
fresh food and freezer cabinet conductances (UA f and UA z,  respectively),  and the evaporator volumetric air flow 
rate ( o,e,aV& ).  The estimation of these parameters are presented together because the estimation of one uses the 
values of one or more of the other parameters, yet they cannot be estimated simultaneously because each estimation 
requires data from different experiments.   
D.2.1 Freezer Air Fraction Estimation 
In order to determine the value of fz one must first derive energy balance equations.  The control volume is 
drawn around the evaporator section and assumes that only the evaporator fan, not the condenser fan or the 
compressor, is running, hence, no refrigerant flow.  Such are the running conditions of the reverse heat leak test.  
This evaporator air-side control volume is displayed in Figure D.2.1. 
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Figure D.2.1 Control volume for fz estimation 
A combined energy and mass balance for the evaporator air-side control volume is given in Equation D.2.1. 
( ) o,e,af,az,afan,eo,f,af,ao,z,az,a hmmW412.3hmhm ×+=×+×+× &&&&&  (D.2.1) 
This balance is then written in terms of the parameters fz and Ý V a ,e ,o  as shown in Equation D.2.2. 
( ) o,e,a
o,e,a
o,e,a
fan,eo,f,azo,z,az h60V
W412.3hf1hf =
×
u
××+×-+× &
&
 (D.2.2) 
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In the experiments for fz estimation, the cabinet temperatures were held greater than the ambient temperature, 
and the difference between the freezer and fresh food cabinet temperatures was ranged from 8 to 17°F using the 
cabinet heaters.  The data were recorded under steady-state conditions.  The measured temperatures, pressures, and 
electrical power were used to find the variables in Equation D.2.2 as well as a preliminary guess for the evaporator air 
volumetric flow rate.  The flow rate will be estimated in another procedure (see section D.2.3) and this freezer air 
fraction estimation will be reiterated if the preliminary guess is significantly different from the estimated flow rate.   
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Figure D.2.2 Freezer air fraction estimation 
The freezer air fraction for each data point is shown in Figure D.2.2.  The error bars represent the scatter due 
to random measurement uncertainty.  The value of the freezer air fraction which satisfies Equation D.2.2 most 
satisfactorily for all data points is 0.885, indicated by the solid horizontal line in Figure D.2.2.  Because the error bars 
for each data point encompass the estimated freezer air fraction value, the bias errors are insignificant and the 
estimated fz is a precise value for this level of random measurement error.   
The dashed horizontal lines in Figure D.2.2 show the uncertainty in the estimated freezer air fraction.  The 
uncertainty is a measure of the scatter in the freezer air fraction between each data point.  The standard deviation of 
the fz values and a Student-t chart are used to estimate the scatter for an infinite sample.  The standard deviation of fz 
multiplied by the appropriate Student-t value for a 95% confidence interval and 5 degrees of freedom (2.571) is 0.005.  
The estimated freezer air fraction with its uncertainty is thus 0.885± 0.005. 
D.2.2 Cabinet Conductance Estimation 
To estimate the cabinet conductances, two control volumes are drawn around the fresh food and freezer 
cabinets which also assume no refrigerant flow.  These control volumes are shown in Figures D.2.3 and D.2.4. 
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Figure D.2.3 Control volume for UAz estimation 
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Figure D.2.4 Control volume for UA f estimation 
The combined energy and mass equation is written for these two control volumes in Equations D.2.3 and 
D.2.4. 
i,ffcab,zo,ffmullfan,ehtr,z hmQhmQW412.3Q ×+=×++×+ &&&&&&  (D.2.3) 
mullo,ffcab,fi,ffhtr,f QhmQhmQ &&&&& +×+=×+  (D.2.4) 
The parameters in Equations D.2.3 and D.2.4 are the fresh food, freezer and mullion conductances, UA f, UAz, 
and UAmull, respectively, as well as the air volumetric flow rate, o,e,aV& , and the air split fraction, fz.  The conductances 
are a part of the heat rate terms as shown in Equations D.2.5 through D.2.7. 
( )ambzzcab,z TTUA412.3Q -××=&  (D.2.5) 
( )ambffcab,f TTUA412.3Q -××=&  (D.2.6) 
( )zfmullmull TTUA412.3Q -××=&  (D.2.7) 
The air volumetric flow rate and the freezer air fraction can be substituted into the energy balances to create 
Equations D.2.8 and D.2.9. 
( )i,f,ao,f,a
o,e,a
o,e,a
zmullfan,ehtr,zcab,z hh
60V
)f1(QW412.3QQ -×
u
×
×-++×+=
&
&&&&
 (D.2.8) 
( )o,f,ai,f,a
o,e,a
o,e,a
zfmullcab,f hh
60V
)f1(QQQ -×
u
×
×-+=+
&
&&&
 (D.2.9) 
The experiments for the estimation of UA f and UA z, similar to those for the fz estimation, involved holding 
steady-state cabinet temperatures above the ambient temperature.  Unlike the fz estimation experiments, however, the 
cabinets were held at nominally identical temperatures to reduce Qmull.  This term is included in Equations D.2.8 and 
D.2.9 using a mullion conductance value, UAmull, equivalent to an R-value of 5 °F-ft
2-hr/Btu-in.  The value of the 
mullion conductance, however, only negligibly affects the estimation of the cabinet conductances because of the 
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small temperature difference between the cabinets.  A preliminary estimate for the air volumetric flow rate is also 
necessary, requiring an iterative process with the flow rate estimation described in section D.2.3.  The value of the 
freezer air fraction is obtained from the analysis  described in section D.2.1.  Figures D.2.5 and D.2.6 show the cabinet 
conductances computed for each data point. 
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Figure D.2.5 Freezer cabinet conductance estimation 
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Figure D.2.6 Fresh food cabinet conductance estimation 
The error bars signifying the random measurement uncertainties overlap the estimated parameter values, 
indicating a precise parameter estimation.  The estimated values of the cabinet conductances for the experimental 
refrigerator are 0.846± 0.052 W/°F and 0.508± 0.050 W/°F for the fresh food and freezer cabinets, respectively.  The 
parameter uncertainties are determined in the manner described in section D.2.1. 
D.2.3 Evaporator Air Volumetric Flow Rate 
Another control volume is drawn around both the fresh food and freezer cabinets together and assumes that 
the refrigerant is flowing, as in a normally operating refrigerator.  This control volume, shown in Figure D.2.7, is used 
to estimate the evaporator air volumetric flow rate.  In this case, the refrigerator is running and electric resistance 
heaters maintain cabinet temperatures at steady-state values. 
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Figure D.2.7 Control volumes for o,e,a
V&
 estimation 
The energy and mass balances for the evaporator air side control volume yield Equation D.2.10, which is 
Equation D.2.2 with an additional term for the heat removed by the evaporator, Qe,l.  Equation D.2.11 represents the 
energy balance around the total cabinet control volume. 
( ) l,e
o,e,a
o,e,a
o,e,afan,e
o,e,a
o,e,a
o,f,azo,z,az Q60V
hW412.3
60V
hf1hf &&
&
& ××
u
+=××
×
u
+×-+×
 (D.2.10) 
fan,ecab,fhtr,fcab,zhtr,zl,e W412.3QQQQQ &&&&&& ×++++=  (D.2.11) 
When the Qe,l terms from these two control volumes are set equal to each other, the parameters are the 
volumetric air flow rate, o,e,aV& , the air split fraction, fz, the fresh food cabinet conductance, UA f, and the freezer 
cabinet conductance, UA z.  These equations can be used with the previously estimated values of fz, UAf, and UAz to 
give the volumetric air flow rate.  Figure D.2.8 shows the flow rate estimated for all of the data points individually.  
The estimated value of the evaporator air volumetric flow rate is 48.2± 1.8 cfm.  The parameter uncertainty is 
estimated from the scatter between the individual data points, as described in section D.2.1. 
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Figure D.2.8 Evaporator air flow rate estimation 
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Because the error bars for random measurement error do not always overlap the estimated parameter value, 
there is significant bias error involved in the determination of the volumetric flow rate parameter.  The large 
systematic variation in the calculated volumetric flow rate between data points is presently unexplainable.  However, 
for the magnitude of variation seen in Figure D.2.8, the temperature measurements are the most likely error sources.  
An error of 1° F in measuring the evaporator fan outlet temperature can cause an error in the calculated flow rate 
which is on the order of 1 cfm.  Five temperature readings are averaged to give the temperature at the exit of the 
evaporator fan.  Appendix A shows that these readings indicate a possible temperature variation on the order of 5° F.  
An average of these readings would give an accurate measure of the mean air temperature if the air velocity were 
uniform.  However, a non-uniform velocity profile at the evaporator outlet could result in a significant error in the 
mean air temperature determination.  If the non-uniformity of velocity varied between data points, the variation in 
flow rate calculations seen in Figure D.2.8 may be the result. 
D.2.4 Cabinet Conductance and Evaporator Air Flow Rate Iteration Scheme 
Sections D.2.1 through D.2.3 describe the estimation of the cabinet conductances, the evaporator air 
volumetric flow rate, and the freezer air fraction for the experimental refrigerator.  The estimation of each parameter 
requires the knowledge of at least one of the other parameters.  Therefore, a consistent set of parameters is obtained 
by iterating through the procedures using preliminary guesses for the unknown parameters for the first iteration.  The 
parameter values presented were obtained when the parameters showed negligible change between iterations. 
D.3 Evaporator Air-side Heat Transfer Coefficient 
Another parameter necessary for a steady-state refrigerator model is the evaporator air-side heat transfer 
coefficient, ha,e.  Although the refrigerant heat transfer coefficient changes with flow rate, temperature, and quality, 
the heat transfer coefficient of the air is considered constant over the refrigerator operating conditions with a 
constant evaporator fan speed.  The heat transfer resistance of the tube and fins are considered negligible. 
D.3.1 Evaporator Model 
The model used to estimate the air-side heat transfer coefficient is identical to the evaporator portion of a 
full system model.  The evaporator of the experimental refrigerator is an aluminum plate fin and tube heat exchanger 
as shown in Figure D.3.1.  The regional configuration and pertinent variables for the evaporator model are shown in 
Figure D.3.2. 
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Figure D.3.1 Actual evaporator configuration 
  downstream 
2-phase region
superheated region
air path
Ta,e,i
Ta,e,m
Ta,e,o
9
    upstream 
2-phase region
refrigerant 
     path
7
71
711
 
Figure D.3.2 Evaporator model configuration 
The heat transfer equations which are the core of the model are listed in Equations D.3.1 through D.3.17.  
They show air-side and refrigerant-side energy balances as well as effectiveness relations. 
( )7711ru,p2,e,r hhmQ -×= &&  (D.3.1) 
( )7i,e,ae,au,p2,eu,p2,e, TTC5.0Q -×××e=e&  (D.3.2) 
ee ,2 p,u = f1 ha ,e ,A e,2 p,u( ) (D.3.3) 
u,p2,e,ru,p2,e, QQ && =e  (D.3.4) 
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( )71171rd,p2,e,r hhmQ -×= &&  (D.3.5) 
( )7i,e,ae,ad,p2,ed,p2,e, TTC5.0Q -×××e=e&  (D.3.6) 
ee ,2 p,d = f2 h a,e ,A e, 2 p,d( ) (D.3.7) 
( )m,e,ai,e,ae,ad,p2,e,a TTC5.0Q -××=&  (D.3.8) 
d,p2,e,d,p2,e,a QQ e= &&  (D.3.9) 
( )719r,supe,r hhmQ -×= &&  (D.3.10) 
( )71m,e,amin,supe,supe, TTCQ -××e=e&  (D.3.11) 
ee ,sup = f 3(ha,e, Ae,sup)  (D.3.12) 
sup,e,rd,p2,e,ru,p2,e,re,r QQQQ &&&& ++=  (D.3.13) 
sup,e,d,p2,e,u,p2,e,e, QQQQ eeee ++= &&&&  (D.3.14) 
e,
d,p2,e,u,p2,e,
e,r
d,p2,e,ru,p2,e,r
Q
QQ
Q
QQ
e
ee +=
+
&
&&
&
&&
 (D.3.15) 
A e = Ae ,2 p,u + Ae ,2 p,d + Ae ,sup  (D.3.16) 
e,e,r QQ e= &&  (D.3.17) 
The seventeen equations are solved simultaneously for the nine heat transfer rates, the middle air 
temperature (Ta,e,m), the refrigerant enthalpy at the start of the parallel section (h711), the two unknown areas (A e,2p,d 
and A e,sup), the three effectiveness values, and the air-side heat transfer coefficient, h a,e.  The effectiveness 
calculations are explained by Admiraal and Bullard (1993).  A parallel flow effectiveness correlation was used for the 
superheated zone.  The volumetric air flow rate was fixed at 48.2 cfm as determined by previous estimation work (see 
section D.2.3).  The refrigerant mass flow rate was calculated using the refrigerant-side energy balance described by 
Equations C.2.1 and C.2.2.  As explained in section C.2, the refrigerant exiting the condenser must be subcooled in 
order to determine the mass flow rate in this manner.  The experimental refrigerator was only able to achieve this 
condition with unusually warm cabinet temperatures and cool ambient temperatures. 
D.3.2 Evaporator Air-side Heat Transfer Coefficient Estimation Results 
The air-side heat transfer coefficient was estimated using data from six steady state test conditions at 
ambient temperatures of 60°F and 75°F.  The value of the air-side heat transfer coefficient was varied until Equations 
D.3.1 through D.3.17 were closest to being satisfied for all six data points.  The optimum value was found to be 2.97 
Btu/hr-ft2-°F, shown by the solid horizontal line in Figure D.3.3.  The air-side heat transfer coefficient calculated for 
each of the data points is also shown along with the error bars attributable to the random measurement uncertainty.  
Clearly, the random measurement uncertainty does not account for the scatter in h a,e.  Therefore, significant bias error 
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must be affecting the calculations.  Modeling inaccuracy is probably the largest cause of bias error.  Inherent in the 
evaporator model equations (Equations D.3.1 through D.3.17) is the assumption of a well mixed evaporator inlet air-
stream.  In reality, the warmer fresh food air is kept to the sides of the evaporator while the cooler freezer air blows 
over the middle.  This discrepancy between the model and physical reality may be causing the large bias errors seen 
in Figure D.3.3. 
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Figure D.3.3 Evaporator air-side heat transfer coefficient estimation 
The uncertainty in the estimated value of the evaporator air-side heat transfer coefficient was found to be 
0.42 Btu/h-ft2-°F following the method described in section D.2.1.  The parameter uncertainty is shown in Figure D.3.3 
as dashed horizontal lines. 
D.4 Condenser Air Flow Rate  
This section explains the estimation of the volumetric air flow rate through the condenser of the experimental 
refrigerator.  The air flow rate through the condenser was estimated from an experiment in which air was blown over 
an electric resistance heater at the condenser air inlet using the condenser fan.  The increase in air enthalpy and the 
heater and condenser fan powers were used in an energy balance to compute the volumetric air flow rate.  The data 
from four heater power levels were recorded.  The value of the volumetric flow rate was found which gave the best 
energy balance for all four data points.  This value is 188 cfm, and is shown as the solid horizontal line in Figure D.4.1.  
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Figure D.4.1 Condenser air flow rate estimation 
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Figure D.4.1 also shows the value of the condenser air volumetric flow rate calculated for each point 
individually.  The error bars indicate the random measurement uncertainty intervals.  Because the error bars overlap 
the estimated flow rate, the scatter in the data can be attributed to the random measurement uncertainty.  The 
uncertainty in the condenser air volumetric flow rate is found to be 35 cfm, using the standard deviation and Student-
t table as described in section D.2.1.  A large penalty is paid in the Student-t factor due to the small number of data 
points.  If more data were taken with equal scatter, the parameter uncertainty would be reduced. 
D.5 Condenser Air-side Heat Transfer Coefficient  
Another parameter necessary for a steady-state refrigerator model is the condenser air-side heat transfer 
coefficient, ha,c.  Although the refrigerant heat transfer coefficient changes with flow rate, temperature, and quality, 
the resistance of the air and tubing is considered constant over the refrigerator operating conditions with a constant 
condenser fan speed.  The heat transfer resistance of the wires and tube are considered negligible. 
D.5.1 Condenser Model 
The model used to estimate the air-side heat transfer coefficient is identical to the condenser portion of a full 
system model.  The condenser is a steel wire and tube heat exchanger as shown in Figure D.5.1.  The region 
configuration and pertinent variables for the condenser model are shown in Figure D.5.2. 
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Figure D.5.1 Actual condenser configuration 
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Figure D.5.2 Condenser model configuration 
The heat transfer equations which are the core of the model are listed in Equations D.5.1 through D.5.15.  
They show refrigerant-side energy balances as well as effectiveness relations. 
( )320rsub,r,c hhmQ -×= &&  (D.5.1) 
( )i,c,a20sub,c,asub,csub,,c TTCQ -××e=e&  (D.5.2) 
ec ,sub = f 1 ha,c, Ac, sub( ) (D.5.3) 
( )2021rp2,r,c hhmQ -×= &&  (D.5.4) 
( )i,c,a21p2,c,ap2,cp2,,c TTCQ -××e=e&  (D.5.5) 
ec ,2 p = f2 h a,c ,Ac,2p( ) (D.5.6) 
( )211rsup,r,c hhmQ -×= &&  (D.5.7) 
( )i,c,a1min,supc,sup,c TTCQ -××e=e&  (D.5.8) 
ec ,sup = f 3(ha,c,A c,sup)  (D.5.9) 
sup,r,cp2,r,csub,r,cr,c QQQQ &&&& ++=  (D.5.10) 
sup,,cp2,,csub,,c,c QQQQ eeee ++= &&&&  (D.5.11) 
e
e=
,c
sub,,c
r,c
sub,r,c
Q
Q
Q
Q
&
&
&
&
 (D.5.12) 
e
e=
,c
p2,,c
r,c
p2,r,c
Q
Q
Q
Q
&
&
&
&
 (D.5.13) 
A c,tot = Ac,sub + Ac,2 p + A c,sup  (D.5.14) 
e= ,cr,c QQ &&  (D.5.15) 
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The fifteen equations are solved simultaneously for the eight heat transfer rates, the three effectiveness 
values, the three areas, and the air-side heat transfer coefficient, h a,c.  The effectiveness calculations are explained by 
Admiraal and Bullard (1993).  A parallel-counterflow with mixed shell fluid effectiveness correlation was used for the 
single phase regions.  The volumetric air flow rate was fixed at 188 cfm, the estimation of which is described in section 
D.4.  The refrigerant mass flow rate was calculated from the energy balance described in section C.2 .  As explained in 
section C.2, the refrigerant exiting the condenser must be subcooled in order to determine the mass flow rate in this 
manner.  The experimental refrigerator was only able to achieve this condition with unusually warm cabinet 
temperatures and cool ambient temperatures. 
D.5.2 Condenser Air-side Heat Transfer Coefficient Estimation Results 
The air-side heat transfer coefficient was estimated using data from six steady-state test conditions at 
ambient temperatures of 60°F and 75°F.  The value of the air-side heat transfer coefficient was varied until Equations 
D.5.1 through D.5.15 were closest to being satisfied for all six data points.  The optimum value was found to be 4.90 
Btu/hr-ft2-°F, shown by the solid horizontal line in Figure D.5.3.  The air-side heat transfer coefficient calculated for 
each of the data points is also shown along with the error bars attributable to the random measurement uncertainty.  
Because the error bars encompass the estimated parameter value, the estimation was precise with the level of random 
measurement uncertainty.   
The uncertainty in the estimated value of the condenser air-side heat transfer resistance was found to be 
0.29 Btu/h-ft2-°F following the method described in section D.2.1.  The parameter uncertainty is shown in Figure D.5.3 
as dashed horizontal lines. 
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Figure D.5.3 Condenser air-side heat transfer coefficient estimation 
D.6 Interchanger Effectiveness  
In modeling the experimental refrigerator, the capillary tube/suction line heat exchanger, or interchanger, is 
modeled as a constant effectiveness heat exchanger.  The interchanger effectiveness is difficult to estimate because 
of the complications in determining the temperature at the capillary tube inlet to the interchanger.  This section will 
outline the methods used to determine this temperature and to establish the interchanger effectiveness. 
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D.6.1 Adiabatic Capillary Tube Modeling 
As shown in Figure D.6.1, the refrigerant is expanded in a section of capillary tube between the condenser 
and the interchanger.  When the refrigerant enters this region as a two-phase mixture or only slightly subcooled, the 
temperature will drop with the decrease in pressure as the refrigerant approaches the interchanger.  Unfortunately, 
the nearest refrigerant thermocouple to the capillary tube inlet to the interchanger is upstream of the adiabatic 
capillary tube section, at point 3.  This makes it an inaccurate sensor for the temperature at the capillary tube inlet to 
the interchanger. 
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Figure D.6.1 Actual interchanger exit configuration 
An attempt was made to use an adiabatic capillary tube model to calculate the temperature at the capillary 
tube inlet to the interchanger.  Unfortunately, the model results were not consistent with the measured data.  
Temperature measurements were made on the surface of the suction line and capillary tube at the point of the 
interchanger where the capillary tube joins the interchanger, point 40.  The tube wall temperature should be 
somewhere in between the capillary tube temperature and the suction line temperature.  Because the refrigerant inside 
the capillary tube is warmer than that inside the suction line, the tube wall temperature can be thought of as the lower 
limit of the capillary tube temperature.  The difference in temperature between the refrigerant leaving the condenser 
and the tube wall temperature at the entrance to the interchanger, typically 4° F, cannot be less than the change in 
saturation temperature of the refrigerant as it flows through the pre-interchanger portion of the capillary tube.  
Unfortunately, the model predicts a much larger change in saturation temperature, approximately 40° F, for a two-
phase mixture flowing through the length of the pre-interchanger portion of the capillary tube.   
Such a large inconsistency is well outside of any measurement uncertainty or model uncertainty effects.  
According to the model, a small temperature drop in the pre-interchanger portion of the capillary tube can only occur 
with substantial subcooling, around 15°F, at the condenser exit.  Somehow the refrigerant is acting like a subcooled 
liquid when it is not below the saturation temperature.  The saturation temperature is determined from adequately 
reliable pressure measurements.  The measured data refutes the notion of a largely subcooled condenser exit with 
localized boiling around the immersion thermocouple at the condenser exit.  The bulk refrigerant can not be 
significantly subcooled because then it would have a temperature lower than the tube wall temperature at the 
capillary tube inlet to the interchanger.  Furthermore, the air temperature around the condenser exit is typically only 
2°F lower than the tube wall temperature at the capillary tube inlet to the interchanger, making it impossible for 
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significant subcooling to appear at the condenser exit, assuming the saturation temperature is correct.  These 
inconsistencies will be left unresolved and the interchanger effectiveness will be based on the temperature 
measurement at the condenser exit, point 3. 
D.6.2 Interchanger Effectiveness Estimation 
Considering the difficulties in analytically determining the temperature at the capillary tube inlet to the 
interchanger, the effectiveness of the interchanger will be calculated from the condenser exit temperature, T3.  The 
equations used to determine the interchanger effectiveness, e int , are shown in Equations D.6.1 through D.6.4.   
( )911rrint, hhmQ -×= &&  (D.6.1) 
[ ]( )9311rmaxint, hT,PhmQ -×= &&  (D.6.2) 
maxint,intint, QQ && ×e=e  (D.6.3) 
e= int,Rint, QQ &&  (D.6.4) 
The interchanger effectiveness was estimated using data from eight steady state test conditions at typical 
cabinet temperatures and ambient temperatures of 90°F and 100°F.  The value of the interchanger effectiveness was 
varied until Equations D.6.1 through D.6.4 were closest to being satisfied for all eight points.  The optimum value was 
found to be 0.930, as shown by the solid horizontal line in Figure D.6.2.  The interchanger effectiveness calculated for 
each of the data points is also shown along with the error bars attributable to the random measurement uncertainty.   
Clearly, the random measurement uncertainty does not account for the scatter in the effectiveness 
calculation.  Therefore, significant bias error must be affecting the calculations.  Modeling inaccuracy is probably the 
largest cause of bias error.  The condenser exit temperature is simply not a good estimate of the temperature at the 
capillary tube inlet to the interchanger.  The compressor inlet temperature may also not give an accurate measurement 
of the temperature at the suction line exit of the interchanger.  Rough refrigerant-side heat transfer calculations show 
that conductive heat transfer from the compressor shell up the suction line tube wall could increase the suction line 
refrigerant temperature by a maximum of 3°F at the location of the T11 thermocouple.  This maximum could occur if 
there is negligible heat convected from the suction line tube to the air.  A 3°F error in measuring T11 results in an 
approximately 3% error in the calculated interchanger effectiveness. 
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Figure D.6.2  Interchanger effectiveness estimation 
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The uncertainty in the estimated value of the interchanger effectiveness was found to be 0.010 following the 
method described in section D.2.1.  The parameter uncertainty is shown in Figure D.6.2 as dashed horizontal lines. 
D.7 Recirculation Fraction 
A steady-state refrigerator model requires the condenser inlet air temperature as an input.  In the case of the 
experimental refrigerator, this  temperature is significantly warmer than the ambient temperature due to air recirculating 
from the grille outlet to the grille inlet.  The condenser air inlet temperature can be calculated by the model from the 
ambient temperature and the temperature of the air at the grille outlet using the recirculating fraction parameter, frecirc. 
The recirculating fraction is estimated using the following mass and energy balance equations for the mixing 
of ambient and grille outlet air. 
i,g,a
c
i,g,a
V60
m
u
×
=
&
&
 (D.7.1) 
amb,ao,g,ai,g,a mmm &&& +=  (D.7.2) 
amb,aamb,ao,g,ao,g,ai,g,ai,g,a hmhmhm ×+×=× &&&  (D.7.3) 
i,g,a
o,g,a
recirc m
m
f
&
&
=  (D.7.4) 
The recirculating fraction was estimated from steady-state data recorded at ambient temperatures from 60° F 
to 100° F.  Equations D.7.1 through D.7.4 are closest to being satisfied for all of the data when the value of the 
recirculating fraction is 0.305, shown by the solid horizontal line in Figure D.7.1.  The recirculating fraction calculated 
for each of the data points is also shown along with the error bars attributable to the random measurement 
uncertainty.  Because the error bars encompass the estimated parameter value, the estimation was precise with the 
level of random measurement uncertainty. 
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Figure D.7.1 Recirculation fraction estimation 
The uncertainty in the estimated value of the recirculating fraction was found to be 0.012 following the 
method described in section D.2.1.  The parameter uncertainty is shown in Figure D.7.1 as dashed horizontal lines. 
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D.8 Compressor Heat Transfer Coefficient 
In order to predict the amount of heat transferred from the compressor to the condenser air, a refrigerator 
model requires a compressor heat transfer coefficient.  This parameter is estimated using the following equations. 
311
l,e
r hh
Q
m
-
=
&
&
 (D.8.1) 
)hh(mWQ)TT(C 311rf,ccompi,g,ao,f,c,ac,a -×++=-× &&&  (D.8.2) 
)TT()hA(Q o,c,a1compcomp -×=&  (D.8.3) 
The locations of the air temperature readings are shown in Figure D.8.1. 
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Figure D.8.1 Temperature readings for the estimation of (hA)comp 
The mass flow rate calculation in Equation D.8.1 requires the knowledge of the enthalpy at the condenser 
exit, h3, which is only possible with a subcooled condenser exit.  The six subcooled condenser exit data points were 
used to estimate the condenser heat transfer coefficient.  Equations D.8.1 through D.8.3 were closest to being 
satisfied for the data when the compressor heat transfer coefficient was set equal to 13.6 Btu/hr-°F, shown by the 
solid horizontal line in Figure D.8.2.  The compressor heat transfer coefficient calculated for each of the data points is 
also shown along with the error bars attributable to the random measurement uncertainty.  Because the error bars 
encompass the estimated parameter value, the estimation was precise with the level of random measurement 
uncertainty. 
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Figure D.8.2 Compressor heat transfer coefficient estimation 
The uncertainty in the estimated value of the recirculating fraction was found to be 0.6 Btu/hr-°F following 
the method described in section D.2.1.  The parameter uncertainty is shown in Figure D.8.2 as dashed horizontal lines. 
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Appendix E: Graphs 
The analyses of this report mainly refer to trends in the refrigerator performance at a 90°F ambient 
temperature.  However, some references are made to the performance at 60°, 75°, and 100°F.  This appendix presents 
the results for all four ambient temperatures to provide a more complete picture of system behavior. 
E.1 Duplicate Graphs from Chapter 3 
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Figure E.1.1 Coefficient of performance 
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 d)  Tamb = 100°F 
Figure E.1.2 System power and evaporator capacity 
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The increase in the capacity of the cycling refrigerator over that of the quasi-steady machine at 60° and 75°F 
ambient temperatures is likely due to a bias measurement or modeling error.  The main difference between the cycling 
and quasi-steady experiments is in the use of the cabinet heaters.  As explained in Appendix A, the cabinet heaters 
are used to maintain steady-state cabinet temperatures and are not utilized in the cycling experiments.  These heaters 
demand more power at lower ambient temperatures.  Although not confirmed, it is possible that the cabinet heaters 
introduce a bias measurement or modeling error by biasing air-side thermocouples.  The air-side thermocouple 
measurements influence the evaporator capacity calculation strongly.  The temperature of the air moving through the 
evaporator decreases by only about 10°F.  An error of only 0.6°F in the determination of the inlet or exit evaporator air 
temperatures would result in the 6% discrepancy between the cycling and quasi-steady capacity at the end of the on-
cycle at the 60°F ambient temperature.  This error is greater than the 0.2°F estimated bias error for temperature 
difference measurements (see Appendix B).  However, the freezer cabinet heater may be adding a greater bias error to 
some of the evaporator exit thermocouple measurements through radiative heat transfer effects. 
The error in the calculation of either the cycling or quasi-steady capacity propagates to an error in the 
capacity loss calculations which may be of the same order of magnitude as the capacity loss itself.  Nonetheless, the 
monotonic trends of cycling and quasi-steady capacity with ambient temperature show that the capacity loss 
calculations yield valuable qualitative if not quantitative comparisons. 
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 c)  Tamb = 90°F d)  Tamb = 100°F 
Figure E.1.3 Evaporator exit superheat 
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E.2 Duplicate Graphs from Chapter 4 
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Figure E.2.1 Evaporator capacity: two-phase evaporator exit stage 
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Figure E.2.2 Refrigerant temperatures: two-phase evaporator exit stage 
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Figure E.2.3 Refrigerant-oil solubility: two-phase evaporator exit stage 
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Figure E.2.4 System power: two-phase evaporator exit stage 
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Figure E.2.5 Non-pressure related power penalty: two-phase evaporator exit stage 
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E.3 Duplicate Graphs from Chapter 5 
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 c)  Tamb = 90°F d)  Tamb = 100°F 
Figure E.3.1 Capacity 
The increase in capacity of the cycling refrigerator over that of the quasi-steady machine at the 60° and 75°F 
ambient temperatures is explained in section E.1. 
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 d)  Tamb = 100°F 
Figure E.3.2 Evaporating temperature and superheat 
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 c)  Tamb = 90°F d)  Tamb = 100° 
Figure E.3.3 Refrigerant-oil solubility 
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Figure E.3.4 System power 
 76 
0
0.9
1
1.1
1.2
1.3
1.4
0
R
at
io
 o
f c
yc
lin
g/
qu
as
i-
st
ea
dy
4 8 12 16
comp. map power
meas'd comp. power
20
Compressor On-time (sec)
  
0
0.6
0.8
1
1.2
1.4
0
R
at
io
 o
f c
yc
lin
g/
qu
as
i-
st
ea
dy
5 10 15 20 25 30
Compressor On-time (min)
comp. map power
meas'd comp. power
 
 a) Tamb = 60°  b)  Tamb = 75° 
0
0.95
1
1.05
1.1
1.15
1.2
1.25
R
at
io
 o
f c
yc
lin
g/
qu
as
i-
st
ea
dy
1.3
0 10 20 30
comp. map power
meas'd comp. power
Compressor On-time (sec)
40 50
  
0
0.95
1
1.05
1.1
1.15
R
at
io
 o
f c
yc
lin
g/
qu
as
i-
st
ea
dy
1.2
1.25
1.3
0 10 20
Compressor On-time (sec)
30 40 50 60 70
comp. map power
meas'd comp. power
 
 c)  Tamb = 90°  d)  Tamb = 100° 
Figure E.3.5 Non-pressure related power penalty 
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 c)  Tamb = 90° F d)  Tamb = 100°F 
Figure E.3.6 Compressor shell temperature 
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 c)  Tamb = 90°F d)  Tamb = 100°F 
Figure E.3.7 Compressor isentropic efficiency 
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Appendix F: Determining Refrigerant Mass Migration 
The mass of the refrigerant migrating to the evaporator has been estimated in order to calculate the maximum 
off-cycle cabinet heating effect.  This appendix describes how this mass is determined. 
It is assumed that the mass of refrigerant only changes substantially in the evaporator, condenser and 
compressor oil during the off-cycle.  This is a good assumption since there is not a liquid line between the condenser 
and capillary tube of the experimental refrigerator.  The refrigerant mass added to the evaporator is then equal to the 
refrigerant mass lost by the condenser and compressor oil.   
The mass of refrigerant in the compressor oil is determined from refrigerant/oil solubility relations which 
depend on the compressor discharge refrigerant temperature and pressure for a high-side oil sump (see Grebner and 
Crawford, 1993).  Knowing these properties at the end of the on-cycle and the end of the off-cycle through direct 
measurements, the mass of refrigerant in the compressor oil is calculated at these points in time.  The difference 
between the two mass calculations equals the mass liberated by the compressor oil during the off-cycle. 
The determination of the mass of refrigerant in the condenser at the end of the off-cycle is trivial because 
the condenser contains superheated vapor at this point in the cycle.  The condenser volume is divided by the 
specific volume of the refrigerant in the condenser (known from direct pressure and temperature measurements) to 
give the condenser refrigerant mass at the end of the off-cycle.  The mass of refrigerant in the condenser at the end of 
the on-cycle is more difficult to ascertain due to the presence of liquid in the condenser.  The condenser portion of 
the steady-state refrigerator system model presented by Goodson and Bullard (1994) is used for this calculation.  In 
this model, the Hughmark void fraction correlation is used to determine the mass of refrigerant in the two-phase 
region of the condenser.  The compressor map mass flow rate (corrected as described in Appendix C) is used for this 
calculation.  The application of a steady-state model to this transient scenario should not introduce significant error 
because the observable transient system responses have disappeared by the end of the on-cycle.  The difference 
between the mass of refrigerant in the condenser at the end of the on-cycle and the mass at the end of the off-cycle 
equals the mass leaving the condenser during the off-cycle. 
Table F.1 Changes in system component charge during the off-cycle 
Tamb System Component  
(°F) Compressor Oil (oz) Condenser (oz) Evaporator (oz) 
60° - 0.62 - 2.31 + 2.93 
75° - 0.72 - 2.43 + 3.15 
90° - 0.80 - 2.57 + 3.37 
100° - 0.85 - 2.65 + 3.50 
 
The sum of the change in the refrigerant mass in the compressor oil and in the condenser give the mass of 
refrigerant added to the evaporator during the off-cycle.  The results of the mass calculations are shown in Table F.1 
 
